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ABSTRACT 

 

The aim of this work is related to an analysis of 

journal bearings lubrication, using non 

Newtonian fluids, which are described by a 

power-law model. The performance 

characteristics are obtained for various values of 

the non Newtonian power-law index ‘’n’’ that is 

equal to: 0.9, 1 and 1.1. Numerical results 

indicate that for dilatants fluids (n > 1), the 

load-carrying capacity, the pressure, the 

temperature, and the frictional force may be 

greatly increased, while for the pseudo- plastic 

fluids (n < 1), they all decrease. The thermal 

effects are found to be more pronounced at 

higher values of the flow behavior index ‘’n’’. 

The results obtained in this study are compared 

to those obtained by others. A good agreement 

is observed between them. 

 

Keywords:  Lubrication, Non Newtonian Fluid, 

Thermo-hydrodynamic Aspect, Numerical 

Simulation.  

 

1. INTRODUCTION 
 

The evolution of machines with severe 

operating conditions, following to the number of 

revolutions increasingly high and shafts strongly 

charged, has a consequence on the dissipation of 

energy by shearing in lubricating film, which 

will generate an increase of its temperature and 

consequently a reduction of the viscosity of the 

lubricant fluid, a bearing pressure of the 

mechanism and a premature wear of the 

material used. The isothermal theory of 

lubrication is largely used in the performances 

calculation of the butted and hydrodynamic 

bearings. However, the technological 

requirements, such as the increase in the loads 

and the number of revolutions, induce an 

increase in the dissipated energy in the 

lubricated mechanisms [Frene et al., 1990]. 

 

 

The classical theory of lubrication 

developed by O. Reynolds for isothermal cases 

is improved by Kingsbury [Kingsbury et al., 

1933] by taking into account heat transfer aspect 

and by assuming the fluid used as viscous and 

Newtonian.  However, in most mechanisms 

encountered in real situations, non Newtonian 

fluids are used in order to increase the lubricants 

viscosity index by adding additives such as 

polymers [Harnoy, 1978]. 

 

The first approach modelling of the 

thermal aspect of lubrication was proposed by 

Kingsbury, in order to take into account the 

variation of the temperature through the 

thickness of the film. The method of resolution 

applied to the case of a conical sleeve 

viscometer is a graphic method. In his study, 

Kingsbury has showed that the shearing stress 

of the bearing surface is about 40% of the 

constraint value calculated by using the 

isothermal theory. Then, it can be deduced 

easily whereas the heating of the film causes a 

reduction of the load supported by the shaft of 

60% compared to the load calculated by the 

isothermal theory for similar operating 

conditions. 

 

The behaviour’s law of non Newtonian 

fluids is nonlinear, which has a consequence on 

the non validity of Reynolds equations 

commonly used in the traditional hydrodynamic 

lubrication. The non Newtonian lubricants are 

encountered in various processes of lubrication. 

During the four last decades, the interest to 

lubrication problems with not Newtonian fluids 

behaviour became extensive, where few works 

were presented in this field ([Safar, 1979], 

[Sinha et al., 1983], [Dien and Elrod, 1983], 

[Sheau- Ming, 1994], [HlavaEek, 1997], 

[Yürüsoy, 2003]). 

 

The work presented in this paper, is 

related to the journal bearings lubrication aspect 

analysis using non Newtonian fluids by taking 

into account the thermo-hydrodynamic aspect of 
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the problem. It consists in a comparison of the 

temperature, the pressure distribution and the 

load, in the various components of the journal 

bearings, by using different lubricants. 

 

2. MATHEMATICAL MODELLING 

 

2.1 Physical Model 

 

Figure 1 gives a schematic representation of a 

journal bearing system. It consists of a bearing 

with a centre OB and a radius RB, and a shaft 

with a centre OS and a radius RS. Under the load 

action, the centres OB and OS do not coincide. 

The distance OB OS is called the absolute 

eccentricity. If the axes of the bearing and the 

shaft are parallel, and if we neglect the elastic 

strain of surfaces, under the effect of the 

temperature and the pressure, these two 

parameters are sufficient to locate the position 

of the shaft inside the bearing. The radius R B is 

approximately equal to RS in the contact zone, 

between the bearing and the shaft, and then we 

can neglect the curve shape of the film, develop 

the bearing and compare it to a plan shape. 

 

    
Figure 1 Schematic representation  

        of the journal bearing. 

 

2.2 Governing equations 

 

The mathematical modelling of the problem is 

based on conductive heat transfer equations, for 

the bearing and the shaft, and on energy and 

momentum equations, formulated by Reynolds 

equation, for the lubricating film. The 

generalized Reynolds equation is given by 

[Tsann-Rong, 1991]: 
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The thickness of the film, h, is (see figure1). 
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With     C = (RB - RS), ε = e/C, θ = x/RS  
 
In Cartesian coordinates system, balance energy 

equation in lubricating film is given by: 
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Within the bearing, the thermal phenomena are 

governed by the conductive heat equation given 

by:   
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Taking into account the cylindrical shape of the 

bearing, the above equation will be then: 
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The heat transfer process in the shaft is 

governed by the equation of energy in a steady 

state. According to the experimental results of 

Dawson [Frene et al., 1990], the temperature of 

the fast revolving shaft is independent of the 

angular coordinate, θ. Under these conditions 

the equation of heat is written [Tsann- Rong et 

al, 1991] as:   
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2.3 Boundary conditions 

 

The boundary conditions used for the film are 

those of Swift- Stieber [Tsann-Rong et al, 

1991]. They take into account the conservation 

of the flow at the rupture of film, and they are 

expressed by the pressure conditions as follows 
 

                       0,,0, 
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About the bearing, the boundary condition is 

given by the continuity of flow between ambient 

air and the external surface of the bearing. It is 

given by:  
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The interface condition, between the lubricant 

and the internal surface of the bearing, is given 

by the below condition 
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For the shaft- film condition, because the shaft 

is fast in rotation, this flow is independent of the 

angular co-ordinate, thus we integrate the heat 

flow leaving the film on a crown of a radius 

equal to the radius of the shaft and with a width, 

dz. Then, it is given as follows:    
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The boundary condition between the shaft and 

the film fluid is given by the continuity of heat 

flow at the interface. It is given by: 
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3. NUMERICAL SIMULATION 

 

The solution of the problem requires the 

resolution of Eqs. (1) - (6) with the boundary 

conditions (7)- (11). These equations are solved 

numerically by using the finite difference 

method [Carnahan, (1969)]. 

 

4.  RESULTS AND DISCUSSION 

 

The journal bearing used is that of [Sheau-Ming 

et al., 1994]. It has two components, one 

representing the shaft and the other the bearing, 

the system is supplied by lubricant fluid through 

openings, which emerge in an axial groove. The 

experimental data used are given by table 1.  
 

Table 1 Technical data used  

for the numerical simulation.  
 
Journal bearing length l = 10

-1
 m 

Shaft radius RS = 5 10
-2

 m 

External bearing radius RB = 10
-1

 m 

Radial clearance C = 10
-4

 m 

Ambient temperature TA = 40 °C 

Initial temperature of 

lubrication 

Tal = 36.8 °C 

Coefficient of equation (13)  m0 = 0.0323 Pa/s 

Coefficient of equation (13) f = 0.037 °C
-1

 

Initial pressure of lubrication  Pa = 70 10
3
 Pa 

Lubricant density  ρ = 860 kg/m
3

 

Lubricant specific heat  Cp = 2000 J/kg.K 

Bearing thermal conductivity KB =50.84 W/m.K 

Shaft thermal conductivity KS = 52.0  W/m.K 

Film thermal conductivity KF = 0.13 W/m.K 

Bearing convective heat 

transfer coefficient 

hB =80W/m².K        

Shaft convective heat transfer 

coefficient 

hS = 100 W/m².K 

Revolution speed  N= 2000 rev./min 

The law of the lubricating oil viscosity used in 

experiment is given by [Sheau-Ming et al., 

1994]: 
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Fig. 2 shows the evolution of the 

pressure in the film, according to the 

circumferential co-ordinate, and for various 

values of index of structure n, where we can 

note that the pressure increases with the increase 

of this index.  

 

 
Figure 2 Evolution of the pressure versus the 

coordinated circumferential for different value 

of n. 

 

The use of the dilating fluids gives an 

increase in the pressure of load, which reaches 

up to 122 % the value obtained by the use of 

Newtonian fluids for the same operating 

conditions.  

 

Figure 3 gives the pressure evolution in 

the film versus the circumferential co-ordinate, 

for different values of structure’s index n, and 

for two different cases (thermo hydrodynamic 

and isotherm).  

 

The variation of the pressure between 

the isothermal and the thermo-hydrodynamic 

cases increases with the increase of the index of 

structure. We can also note that the heating 

effect is more outstanding for the dilating fluids, 

where the variation of the results between the 

two cases, isotherm and thermo-hydrodynamic 

is very large (reached up to 116 %), that is 

justify the importance of the thermo-

hydrodynamic aspect analysis in the case of 
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such fluids. However, for the pseudo-plastic 

fluids, the variation is the very weak, the 

thermo-hydrodynamic aspect have not a great 

influence.      
 

 
 

Figure 3 Evolution of the pressure versus the 

coordinated circumferential for different value 

of n. Comparison between isothermal and 

thermo-hydrodynamic cases. 

 
Figures 4 and 5 show the influence of 

the revolution number by minute on the 

isothermal lines for a fixed index structure. The 

temperature increases with the revolution 

number by minute. 

 

Figures 6 and 7 represent the bearing 

and the film temperature evolutions, according 

to the circumferential coordinates and the film 

thickness, and for various values of index of 

structure n, where we can note that the 

temperature of the film and the bearing 

increases with the increase of index n.  

 

 
 

Figure 4 Isothermal lines of the journal bearing 

       for : N= 1000 rev./min and  n=1.1.   

 
Figure 5 Isothermal lines of the journal bearing 

        for : N= 3000 rev./min and  n=1.1. 

 

 
Figure 6 Evolution of the bearing internal 

surface temperature according to the 

circumferential coordinate and for different 

value of n. 
 

 
Figure 7 Evolution of the lubricating film 

temperature according to its thickness and for 

different value of n.  
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5. CONCLUSION 

 

The work presented in this study is related to a 

thermo-hydrodynamic analysis of a smooth 

journal bearing, using a non Newtonian 

behaviour lubricant, with a power law formula. 

The results presented showed that:   

-  The increase of the structure index, n, 

generates an increase in the pressure. This 

increase becomes more significant for the case 

of the dilating fluids.   

-  For the same operating conditions, the 

increase of index induces an increase in the 

pressure, the temperature and the load. 

-  For the dilating fluids (n > 1), the load, the 

temperature and the pressure are more 

significant than those of the Newtonian fluids. 

-  For the pseudo- plastic fluids (n < 1), the load, 

the temperature and the pressure are weaker 

than those of the Newtonian fluids. 

-  The thermal effects are important in the 

dilating fluids cases. The difference between 

results obtained by using isothermal theory of 

lubrication and non isothermal one is very large 

(reached up to 116 %), which justifies the 

importance of the thermo-hydrodynamic study 

in the case of such fluids.   
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NOMENCLATURE 

 

l  Length of the journal bearing, 

m 

RS  Radius of the shaft, m 

RB  Internal radius of the bearing, 

m 

C      Radial distance between shaft 

and bearing, m 

x, y, r, z Space coordinates, m 

u, v, w Velocities, m.s
-1

 

TA  Ambient temperature, °C 

P Pressure, Pa 

ρ Density,  kg.m
-3

  

Cp Specific heat, J.kg
-1

.K
-1

 

KB Bearing thermal conductivity, 

W.m
-1

.K
-1

 

KS  Shaft thermal conductivity, 

W.m
-1

.K
-1

 

KF Film thermal conductivity,  

W.m
-1

.K
-1

 

hB         Bearing convective heat 

transfer coefficient, W.m
-2

.K
-1

 

hS  Shaft convective heat transfer 

coefficient, W.m
-2

.K
-1
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ABSTRACT 

 

Design of devices with hydrodynamic lubrication of 

grooved surfaces with partial slip is possible due to the 

research efforts in the areas of microelectromechanical 

systems (MEMS). The present study examines the effects 

of slip/no-slip configuration regions on improvement in 

load capacity and reduction in friction coefficient for 

journal bearing. The classical Reynolds equation governing 

the pressure distribution in a hydrodynamic bearing is 

based on the assumption of no-slip of fluid over the two 

surfaces with relative sliding motion. In the present work, 

hydrodynamic grooved journal bearing with partial slip 

surface is considered and the analysis is carried out using 

modified classical Reynolds equation considering the 

partial slip on the bearing surface. The nondimensional 

pressure and shear stress expressions are derived for the 

following cases: (i) journal bearing with groove 

immediately followed by the region of partial slip/no-slip 

configuration, and (ii) journal bearing with groove 

immediately followed by the region of partial slip 

configuration. Reynolds boundary conditions are used in 

the analysis of grooved convergent one dimensional 

journal bearing to predict nondimensional load capacity 

and coefficient of friction. Analysis of grooved concentric 

journal bearing under steady state is also carried out using 

partial slip conditions. Partial slip of bearing surfaces has a 

potential to generate load carrying capacity even for 

concentric journal bearing. 

 

Keywords: Grooved journal bearing, Partial slip surface, 

Load capacity, Coefficient of friction 

 

1. INTRODUCTION 

 
The classical Reynolds equation is based on the boundary 

condition assumption of no-slip of fluid over the two 

surfaces with relative sliding motion. However, recent 

experimental studies have shown that slip occurs under 

smooth and microgeometrical conditions [Craig et al. 

(2001), Zhu and Garnick (2001, 2002)]. Spikes (2003a, 

2003b) analyzed the influence of wall slip on the 

hydrodynamic properties of half-wetted bearing. Wu et al. 

(2006) presented the load capacity of convergent, parallel 

and divergent slider bearing with mixed slip surface. Wall 

slip is usually described by slip length model at low shear 

rate and in the case of the slip length model (Navier 

condition), slip velocity is proportional to the shear stress 

at the solid surface. The numerical analysis of slider 

[Fortier and Salant (2004)] and journal [Salant and Fortier 

(2005)] bearing with heterogeneous slip/no-slip bearing 

surface using modified slip length model yield high load 

support and low friction. Rao (2010) analyzed the 

nondimensional pressure and shear stress distribution for a 

single-grooved slider and journal bearing with partial slip 

on the stationary surface.  

 

A growing interest is given to the textured hydrodynamic 

lubricated contacts since the concept of texturing bearing 

surfaces results in increased load or reduced friction. Based 

on theoretical studies, Tønder (2001) presented that 

introducing variable roughness profile at the inlet of a 

sliding surface contact can generate higher load capacity. 

Fowel et al. (2007) have analyzed the textured slider 

bearing performance considering surface texture geometry 

parameters such as texture depth, width, number of 

textures, and location of textures. Cupillard et al. (2008) 

showed an improvement in the hydrodynamic performance 

due to the texture in the converging gap of journal bearing. 

 

In the present paper, grooved hydrodynamic journal 

bearing with partial slip is analyzed for the influence of 

slip configuration on the generation of load support and 

consequent reduction in friction. Partial slip is considered 

on the stationary surface of journal bearing. A modified 

Reynolds equation has been obtained. Nondimensional 

pressure and shear stress in the single-grooved journal 

bearing with partial slip under steady state are deduced. 

Reynolds boundary conditions are used to solve the 

nondimensional pressure distribution in the journal 

bearing. This work presents nondimensional pressure and 

shear stress expressions for the (i) journal bearing with 

groove immediately followed by the region of partial 

slip/no-slip configuration, and (ii) journal bearing with 

groove immediately followed by the region of partial slip 

configuration. Results of load capacity and coefficient of 

friction in the single grooved one dimensional journal 

bearing with partial slip under steady state are analyzed.  

 

2 ANALYSIS OF GROOVED JOURNAL BEARING 

WITH PARTIAL SLIP 

 

Considering that pressure in the journal bearing is a 

function of sliding direction (x), the momentum equation is 

simplified as  
  

  
  

   

   
    (1) 

mailto:tadimalla_v@petronas.com.my
mailto:majdi@petronas.com.my
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The boundary conditions for velocity are: Navier slip 

boundary conditions are imposed on the part of bearing 

surface. On the other part of the plain and grooved bearing 

surface, and on the journal surface, no slip conditions are 

imposed. The boundary conditions for velocity at the 

journal surface and at the bearing surface are 

At    ,      and at    ,       
  

  
    

  (2) 

Integrating the Eq. (1) for velocity component along   

direction and satisfying the boundary conditions in Eq. (2)  

  
 

  
*   

  (     )

    
+
  

  
  (  

 

    
)    

 (3) 

The equation of continuity across the film is  

   ∫    
 

 
       (4) 

Integrating the equation of continuity across the film, and 

substituting Eqs (3) in (4), yields the modified classical 

Reynolds equation for partial slip surface as 
 

  
*
  (     )

   (    )

  

  
+  

 

 

 

  
*
 (     )

(    )
+    (5) 

The nondimensional form of modified classical Reynolds 

equation for partial slip surface is 
 

  
*
  (    )

  (   )

  

  
+  

 

 

 

  
*
 (    )

(   )
+     (6) 

The nondimensional film thickness for the plain journal 

bearing is expressed in Eq. (7) and the nondimensional 

film thickness in the grooved journal bearing is expressed 

as     .   

  (       )   (7) 

The shear stress is expressed as 

      
  

  
   (8) 

The shear stress in the journal bearing at y=0 is obtained as 

   |    
 

 
*
 (     )

    
+
  

  
 

  

    
  (9) 

The nondimensional shear stress in the journal bearing at 

y=0 is obtained as 

 |    
 

 
*
 (    )

   
+
  

  
 

 

   
 (10) 

 

2.1 Convergent Grooved Journal Bearing with Slip/No-

slip Configuration 

The schematic of convergent grooved journal bearing with 

slip/no-slip configuration is shown in Fig. 1.  

 
Fig. 1 Geometry of grooved journal bearing with slip/no-

slip configuration 

 

The slip/no-slip configuration is composed of a number of 

successive regions of slip and no-slip regions on the 

bearing surface. The angular extent of successive regions 

of slip and no-slip regions are                  

        and                           

respectively.  

The boundary conditions of slip and no-slip region 1 

respectively are 

 |     ,  |            and  |           ,  |       

       (11) 

Integrating the Eq. (6), yields the nondimensional pressure 

profiles of slip and no-slip region 1 as    
  

  
(        )  

 (    )

  (    )
 
  (   ) 

  (    )
     

  (12) 
  

  
(           )  

 

  
 
   

  
     (13) 

Integrating the Eqs. (12-13) and substituting the boundary 

conditions given in Eqs. (11), yields the nondimensional 

pressure profiles of slip and no-slip region 1 as    

 (        )   |     ∫
(    )

  (    )

 

 
   

   ∫
(   )

  (    )

 

 
       (14) 

 (           )   |        ∫
 

  

 

    
   

   ∫
 

  

 

    
       (15) 

The boundary conditions of slip and no-slip region for 

region n respectively are 

 |             ,  |            and  |           , 

 |             (16) 

Integrating the Eq. (6) and substituting the boundary 

conditions given in Eqs. (16), yields the nondimensional 

pressure profiles of slip and no-slip region n as  

 (           )   |          ∫
(    )

  (    )

 

    
   

   ∫
(   )

  (    )

 

    
       (17) 

 (           )   |        ∫
 

  

 

    
   

   ∫
 

  

 

    
       (18) 

Integrating the Eq. (6), yields the nondimensional pressure 

gradient profiles of groove region as    
  

  
(       )  

 

(    )
  

   

(    )
     (19) 

The boundary conditions in the groove region are 

 |        ,  |         (20) 

Integrating the Eq. (19) and substituting the boundary 

conditions given in Eqs. (20), yields the nondimensional 

pressure profile for groove region as 

 (       )   |      ∫
 

(    )
 

 

  
   

   ∫
 

(    )
 

 

  
       (21) 

Integrating the Eq. (6), yields the nondimensional pressure 

gradient profiles for exit region as    
  

  
(       )  

 

  
 
   

  
    (22) 

Integrating the Eq. (22) and substituting the boundary 

condition for exit region ( |       ), yields the 

nondimensional pressure profile for exit region as 

 (       )   |      ∫
 

  

 

  
      ∫

 

  

 

  
     

   (23) 
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The Reynolds boundary conditions for film rupture are 

   |        and  
  

  
|
    

   

   (24) 

Substitution of the Reynolds boundary conditions for 

nondimensional pressure at film rupture in Eq. (23) and 

simplifying using the nondimensional pressure in Eqs. 

(14), (15), (17), (18), (21) results in   as 

 

  
∫

(    )

  (    )

    
    ∫

 

  
    
    

     ∫
(    )

  (    )

    
    

   ∫
 

  
    
    

   ∫
 

(    )
 

  
  

   ∫
 

  
  
  

  

∫
 (   )

  (    )

    
    ∫

 

  
    
    

     ∫
 (   )

  (    )

    
    

   ∫
 

  
    
    

   ∫
 

(    )
 

  
  

   ∫
 

  
  
  

  
    (25) 

Substituting the pressure gradient boundary condition 

given in Eq. (24) in the expression for nondimensional 

pressure gradient in Eq. (22), results in 

   |         |       (26) 

The Newton-Raphson iterative procedure is used to solve 

simultaneously both    and  |     using Eqs. (25) and 

(26). 

The radial and tangential nondimensional load capacity 

obtained by integration of nondimensional pressure along 

and perpendicular to line of centers are expressed as  

    ∫         
  
 

,    ∫         
  
 

    

   (27) 

The nondimensional load capacity is expressed as  

  √  
    

      (28) 

The nondimensional shear stress of slip and no-slip region 

1 is expressed as    

 (        )   
  (    )

  (    )
 

 (    )

 (    )
     

  (29) 

 (           )   
  

  
 
 

 
     (30) 

Similarly, the nondimensional shear stress of slip and no-

slip region n is expressed as 

 (           )   
  (    )

  (    )
 

 (    )

 (    )
    

   (31) 

 (           )   
  

  
 
 

 
    (32) 

The nondimensional shear stress for groove region is 

 (       )   
  

(    )
  

 

(    )
     

  (33) 

The nondimensional shear stress for exit region is 

 (       )   
  

  
 
 

 
    (34) 

The nondimensional friction force on the journal surface is 

obtained by integrating the shear stress along the journal 

surface as  

  ∫     
  
 

       

 (35) 

The nondimensional friction coefficient is calculated as 

   (
 

 
)
 

 
 

 

 
. 

 

2.2 Concentric Grooved Journal Bearing with Slip/No-

slip configuration 

 

The nondimensional pressure profiles of a concentric 

journal bearing for slip and no-slip region 1 respectively 

are 

 (        )   |      (
    

    
   

   

    
)    

  (36) 

 (           )   |        (      )(    ) 

    (37) 

Similarly, the nondimensional pressure profiles of a 

concentric journal bearing for slip and no-slip region n are 

expressed as  

 (           )   |          (      ) (
    

    
 

  
   

    
)     (38) 

 (           )   |        (      )(    ) 

    (39) 

The nondimensional pressure profiles of a concentric 

journal bearing for groove region is  

 (       )   |     
 

  
 (    )(     )   

  (40) 

where         

The boundary conditions for the exit region for a 

concentric journal bearing are 

  |        and  |       (41) 

Integrating the Eq. (22) and substituting the boundary 

conditions given in Eqs. (41), yields the nondimensional 

pressure profile for exit region as 

 (       )   |      (    )(    )    

 (42) 

Substitution of the boundary conditions for 

nondimensional pressure in Eq. (42) and simplifying using 

the nondimensional pressure in Eqs. (36)-(40) results in   

as
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 (     )  (       )

    (43) 

The net load support in the bearing is obtained by 

integration of nondimensional pressure. The 

nondimensional load capacity is expressed in Eq. (28). 

Integrating the nondimensional shear stress over the 

bearing surface yields the nondimensional friction force as  

  ∫     
  

 
 ( 
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 (    )

(    )
)      

(     )(         )    ( 
  (    )

(    )
 

 (    )

(    )
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) (     )  (     )(     )    (44) 

 

2.3 Convergent Grooved Journal Bearing with Slip 

Configuration 
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The schematic of convergent grooved journal bearing with 

slip configuration is shown in Fig. 2.  

 
Fig. 2 Geometry of grooved journal bearing with slip 

configuration 

 

The angular extent of groove region (  ) is followed by 

slip configuration (  ). Rao (2010) derived 

nondimensional pressure and shear stress under steady 

state using one-dimensional analysis of the single-grooved 

journal bearing with partial slip on the stationary surface. 

Pressure can then be integrated to determine the load 

support in each part of the bearing.  

The radial and tangential nondimensional load capacity are 

expressed as  

    ∫         
  
 

 ∫         
  
  

 ∫         
  
  

   

   (45) 

   ∫         
  
 

 ∫         
  
  

 ∫         
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The nondimensional shear stress can be integrated as 

  ∫     
  
 

 to yield the nondimensional friction force   

  ∫ ( 
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 (    )

 (    )
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2.4 Concentric Grooved Journal Bearing with Slip 

Configuration 

 

The radial and tangential nondimensional load capacity are 

expressed as  

    ∫         
  
 

 ∫         
  
  

 ∫         
  

  
   

   (48) 

   ∫         
  
 

 ∫         
  
  

 ∫         
  

  
   

   (49) 

The nondimensional friction force is expressed as  

  ∫     
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  (    )

(    )
 
 (    )

(    )
)    

( 
  

  
  

 

  
) (     )  (     )(     )    (50) 

 

3. RESULTS AND DISCUSSION  

 

A grooved journal bearing with (i) slip/no-slip 

configuration and (ii) slip configuration is considered in 

the analysis. The parameters used in the analysis are: 

journal eccentricity ratio (ε)=0.0, 0.2, 0.4, 0.6 and 0.8; 

extent of slip region on the bearing surface measured from 

the position of maximum film thickness for journal bearing 

(  )=40°, 80°, 120° and 160°; angular extent of groove 

region for journal bearing immediately followed by partial 

slip (  )=40°, 80°, 120° and 160°; slip to no-slip region 

ratio in the grooved journal bearing with slip/no-slip 

configuration (γ)=0.2, 0.4, 0.6 and 0.8; number of slip 

regions in the journal bearing with slip/no-slip 

configuration (n)=2, 4, 6 and 8; nondimensional depth of 

groove (Hg)=1, 2, 3, 4; nondimensional slip coefficient 

(A)=0.1, 1, 10, 100. The non-dimensional slip coefficient 

( ) is zero in no-slip regions. 

 

 

 

 
(a) θg=180°, n=4, γ=0.5, Hg=1, A=1 
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(b) θt=120°, θg=180°, n=4, Hg=1, A=1 

 
(c) θt=120°, θg=180°, γ=0.5, Hg=1, A=1 

 
(d) θt=120°, θg=180°, n=4, γ=0.5, A=1 

 

Fig. 3 Nondimensional load capacity of grooved journal 

bearing with slip/no-slip configuration 

 

Figures 3a-3d show the non-dimensional load capacity (W) 

of grooved journal bearing with slip/no-slip configuration. 

Using the parameters considered in the study, the non-

dimensional load capacity (W) in the case of grooved 

concentric journal bearing (ε =0.0) is higher for higher 

value of slip to no-slip region ratio (γ) of 0.8. The non-

dimensional load capacity (W) in the case of grooved 

concentric journal bearing (ε =0.0) increases with increase 

in slip to no-slip region ratio (γ). In the case of grooved 

concentric journal bearing with slip/no-slip configuration 

(ε =0.0), the non-dimensional load capacity (W) decreases 

with (i) increase in extent of slip region on the bearing 

surface (θt) and (ii) increase in nondimensional depth of 

groove (Hg). For the case of grooved convergent journal 

bearing with slip/no-slip configuration at higher 

eccentricity ratio (ε =0.8), the non-dimensional load 

capacity (W) increases with (i) increase in extent of slip 

region on the bearing surface (θt), (ii) decrease in 

nondimensional depth of groove (Hg), and (iii) decrease in 

slip to no-slip region ratio (γ). 

 

 

 
(a) θg=180°, n=4, γ=0.5, Hg=1, A=1 

 

 
(b) θt=120°, θg=180°, n=4, Hg=1, A=1 
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(c) θt=120°, θg=180°, γ=0.5, Hg=1, A=1 

 

 
(d) θt=120°, θg=180°, n=4, γ=0.5, A=1 

 

Fig. 4 Coefficient of friction of grooved journal bearing 

with slip/no-slip configuration 

 

Figures 4a-4d show the coefficient of friction (Cf) of 

grooved journal bearing with slip/no-slip configuration. 

For the parameters considered in the study for grooved 

concentric journal bearing (ε =0.0), minimum coefficient 

of friction (Cf) is obtained for higher slip to no-slip region 

ratio (γ). Using the parameters analyzed in the study for 

concentric journal bearing (ε =0.0), the coefficient of 

friction (Cf) decreases with (i) decrease in extent of slip 

region on the bearing surface (θt), (ii) increase in slip to 

no-slip region ratio (γ), and (iii) decrease in 

nondimensional depth of groove (Hg). The variation in 

coefficient of friction (Cf) is not significant for convergent 

journal bearing eccentricity ratios of 0.6 and 0.8, while the 

coefficient of friction (Cf) decreases with increase in 

eccentricity ratio from 0.2 to 0.4.  

 

 

4. CONCLUSION 

 

The present study examines an approach on improvement 

in load capacity and reduction in friction coefficient for 

grooved journal bearing, using (i) slip/no-slip 

configuration and (ii) slip configuration on bearing surface. 

The conclusions based on the analysis presented in this 

paper are: 

 In the case of grooved concentric (ε =0.0) journal 

bearing with slip/no-slip configuration, the non-

dimensional load capacity (W) is higher for higher 

slip to no-slip region ratio (γ).   

 In the case of grooved concentric (ε =0.0) journal 

bearing with slip configuration, the non-

dimensional load capacity (W) is higher for higher 

nondimensional slip coefficient (A).   

The analysis of hydrodynamic grooved journal bearing is 

carried out using modified classical Reynolds equation 

considering the partial slip on the bearing surface. Bearing 

surfaces with partial slip has a potential to generate load 

carrying capacity even for concentric journal bearing. 

Partial slip on the concentric bearing surface increase the 

load capacity and reduce the friction coefficient. 
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NOMENCLATURE 

 
C Radial clearance, m 

f Friction force, N;         ⁄  for journal 

bearing 

h, H Film thickness, m;     ⁄  for journal bearing 

      Depth of groove, m;       ⁄  for journal 

bearing    

   Nondimensional film thickness at groove for 

concentric journal bearing      

L Length of the journal bearing, m  

n Number of slip regions in the journal bearing with 

slip/no-slip configuration  

p Pressure distribution, N/m
2
;          ⁄   

R Journal radius, m 

p Pressure distribution, N/m
2
;         ⁄  for 

journal bearing 

                Nondimensional pressure at the at inlet 

of n
th 

slip region, outlet of n
th

 slip region. 
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ABSTRACT 

 

Linear stability analysis of an unbalanced rigid 

rotor supported by nonlinear journal bearings is 

undertaken using the Floquet theory, and 

verified using the numerical integration method. 

For small magnitude of rotor unbalance and 

operation of journal bearing in the lightly to 

moderately loaded regime, the threshold of 

instability was found to be almost similar to that 

predicted for the balanced rotor, whilst for 

moderate to large values of rotor unbalance, the 

instability threshold values were observed to be 

much higher than that predicted for the balanced 

rotor.  For journal bearings operation in the 

highly loaded regime, the instability threshold 

values of the unbalanced rotor were observed to 

be lower than that of the balanced rotor. The 

rotor unbalance magnitude required to suppress 

journal bearing instability is, however, 

considerably large, exceeding the permissible 

unbalance level for rigid rotor. 

 

Keywords: Floquet theory, Journal bearings, 

Rotordynamics, Stability 

 

1. INTRODUCTION 
 

Journal bearings are strongly nonlinear machine 

element and they significantly influence the 

dynamic characteristics of the rotating 

machinery that they support. In the design and 

operation of rotating machinery, its stability is 

of utmost importance to ensure safe operation of 

these machines at their rated speed and load. 

Linear analysis is normally used to determine 

the stability of rotating machinery in journal 

bearings. In this analysis, the equations of 

motion of the rotor-bearing system are 

linearized about its static equilibrium position 

and the stability of this equilibrium position 

subjected to small disturbance is evaluated. This 

method has two drawbacks, namely the stability 

of the rotor is only valid for small motion about 

the static equilibrium position, and the 

unbalance force are totally neglected in this 

analysis. The effect of rotor unbalance cannot 

be neglected because it is not possible to have a 

perfectly balanced rotor in practical 

applications. A brief review of past work on the 

stability of balanced and unbalanced rotors is 

presented below. 

 

Holmes (1970) examined the nonlinear 

performance of turbine bearings by numerically 

integrating the equations of motion of a rigid 

rotor mounted on cavitated short journal 

bearings. He recommended that a correction 

factor be applied to linear bearing coefficients 

because of the significance of non-linear effect 

as the eccentricity ratio of the bearing increased. 

He further suggested that for turbo-rotors, which 

typically have eccentricity ratios of 0.7 and 0.4, 

linearity is valid for peak-to-peak vibration 

values of about one-third of the radial clearance 

and full radial clearance, respectively.Holmes et 

al. (1978) investigated the vibration response of 

a rigid shaft supported by short journal bearings. 

They revealed two distinct behaviors of the 

journal motion, which depended on the 

eccentricity ratio of the journal. For most of the 

operating conditions investigated in this work, 

the motion of the journal was found to be 

asymptotically periodic with components 

principally at synchronous and half synchronous 

frequency. For operation of the rotor at high 

eccentricity ratio, aperiodic behavior was 

observed where the motion of the journal was 

complex and did not settle to a limit cycle. 

Barret et al. (1976) investigated the effect of 

unbalance and ambient pressure on a journal 

bearing for both cases of operation below and 

above the linear stability threshold speed. They 

found that, for operation above the stability 

threshold speed, increasing the rotor unbalance 

magnitude resulted in the decrease of rotor 

amplitude motion and force transmitted.  This 

observation suggested the possibility of   

suppressing oil whirl in journal bearing by 

increasing the magnitude of the rotor unbalance 

force. Bannister and Makdissy (1980) examined 

the effect of unbalance on the stability and non-

synchronous whirling of a rotor supported by 

journal bearings. They found that an increase in 

mailto:maleque@iium.edu.my
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unbalance magnitude improved the stability of 

the rotor-bearing system, concurring with the 

findings of Barrett et al. (1976). The work of 

Lund and Nielsen (1980) on the stability of an 

unbalanced rigid rotor mounted on short journal 

bearings also revealed that rotor unbalance 

raised the threshold of instability especially at 

high values of the modified Sommerfeld 

number. Khonsari and Chang (1993) utilized a 

model of a perfectly balanced shaft supported 

by two identical cavitated journal bearings to 

investigate the stability boundary of these 

nonlinear bearings. Numerical results showed 

that the initial conditions for the eccentricity and 

attitude angle of the journal in the bearing were 

important parameters that influenced the 

stability of the system. They further showed the 

possible existence of unstable orbits for values 

of the rotor-bearing system operating 

parameters which had been determined to be 

stable based on the linearized stability theory. 

Wang and Khonsari (2006) utilized the Hopf 

bifurcation theory to predict the stability 

envelope of a rigid rotor mounted on journal 

bearings. This method required less 

computational time to predict the stability 

envelope as compared to an earlier work 

reported in Khonsari and Wang (1993) that 

employed a trial-and-error method. El-Shafei et 

al. (2007) performed experimental work to 

investigate the effect of unbalance magnitude, 

oil supply pressure and coupling misalignment 

on the threshold of instability of a flexible rotor 

supported by journal bearings. They found that 

angular misalignment of the coupling was the 

most effective method to delay the onset of 

instability in the rotor-bearing system.    

 

In the present work, linear stability analysis of 

an unbalanced rigid rotor supported by 

nonlinear journal bearings is undertaken using 

the Floquet theory, and verified using the 

numerical integration method. The threshold of 

instability of the unbalanced rotor, which is 

determined for a range of practical values of 

static eccentricity ratio and rotor unbalance 

magnitude, is compared to that of the balanced 

rotor, and the influence of the magnitude of 

rotor unbalance on the instability threshold is 

examined.  

 

2. THEORETICAL TREATMENT 

 

2.1 Equations of Motion 

 

The rotor, which has a mass of 2m, is mounted 

in two identical journal bearings.  The purely 

static unbalance of the rotor is represented by 

the eccentricity (u) of its center of mass (G) 

from its geometric center of rotation, which in 

the case of the rigid rotor is identical to the 

geometric center of the journal, OJ. The 

Cartesian coordinates (X, Y) are fixed in space 

and centred at OB, the bearing center. The 

notation and the coordinate frames used in the 

analysis of the rotor-bearing system are shown 

in Figure 1. In the derivation of the equations of 

motion of a rigid rotor in journal bearings, the 

following assumptions are made: (i) the rotor is 

rigid and symmetric, (ii) unbalance of the rotor 

is purely static and located in its midspan plane, 

(iii) gyroscopic effects are neglected, (iv) rotor 

motion in the axial direction is neglected, (v) 

short bearing approximation based on Reynolds 

equation for incompressible flow is valid, and 

(vi) cavitation is modeled as π-film and 

therefore the contribution below ambient 

pressure to the oil-film forces is neglected. 

 

 
 

Figure 1 Journal bearing coordinate systems. 

 

With the external forces acting on the journal 

that include the oil-film forces (FX and FY), 

gravity, and unbalance force, the equations of 

motion of the journal center become 
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The pressure (P) distribution in a cavitated (π-

film) short journal bearing derived from the 

Reynold’s equation is given in rotating 

coordinates as 
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ε and  ̇ respectively denote the radial 

displacement and velocity of the journal, and ω 

and  ̇ are respectively the journal’s rotational 

and whirl velocity. θ is the angular coordinate 

measured from the position of maximum film 

thickness in the direction of rotor angular 

velocity. L denotes the length of the bearing, c 

the bearing’s radial clearance, z the position in 

the axial direction of the bearing, and μ the 

dynamic viscosity of the lubricant. The resulting 

oil-film forces due to the motion of the journal 

in a bearing are usually expressed naturally in 

polar coordinates.   

 

The forces in the polar coordinates can be easily 

transformed into the Cartesian coordinates by 

the following equations. 

 

cos sin  

sin cos  

X R T

Y R T

F F F

F F F

 

 

 

 
              (3) 

 

   and    are the radial and tangential oil-film 

forces, respectively. These forces are obtained 

by integrating the pressure distribution, given in 

(2), over the entire bearing surface, and can be 

expressed as functions of (   ̇  ̇) by Equation 

(4). 
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The integrals I1, I2 and I3 can be evaluated 

analytically in closed form, (Booker, 1965). θ1 

denotes the angular position of the start of 

positive pressure region measured from the 

position of maximum oil film thickness in the 

direction of rotor angular speed. Inserting 

Equations (4) and (5) into Equation (3), and the 

result into Equation (1), and dividing the 

resulting equation by     , and substituting 

the appropriate non-dimensional parameters into 

the final equation, we obtain the non-

dimensional governing equations for a rigid 

rotor mounted in cavitated short journal 

bearings. 
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where, 
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The modified Sommerfeld number (σ), a 

parameter that is widely used as a characteristic 

number for journal bearing performance, 

determines the static equilibrium position of the 

journal in the bearing. It depends on the 

lubricant viscosity (μ), journal rotational 

velocity (ω), journal radius (R) and length (L), 

bearing radial clearance (c) and the bearing load 

(W). Higher loads and lower speeds will result 

in a lower σ, whilst lighter loads and higher 

speeds results in higher σ. The parameter M is 

the dimensionless mass of the journal. The 

product σM is known as the journal mass 

parameter. The journal mass parameter, which 

is also known as the stability parameter, is 

proportional to the square of the rotor’s 

operating speed. The unbalance parameter (U), 

which is a measure of the rotor unbalance, is 

defined as the ratio of the eccentricity (u) of the 

rotor center of gravity (G) from its geometric 

center of rotation, to the radial clearance of the 

bearing (c).  τ is the non-dimensional time. 

 

2.2 Floquet Analysis 

 

The stability of periodic solutions can be 

examined using Floquet theory. The state 

variables of the periodic solution are perturbed 

about its steady state, resulting in a system of 

linearized equations with periodically varying 
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coefficient. The stability of the original system 

of nonlinear equations is then determined by the 

eigenvalues of the monodromy matrix, which is 

obtained from the solutions of these linearized 

equations over one period, with the identity 

matrix as the initial conditions. The eigenvalues 

of the monodromy matrix are known as Floquet 

multipliers. The periodic solution is stable if the 

magnitude of all the multipliers is less than one. 

The periodic solution loses its stability when at 

least one of the multipliers has a magnitude 

greater than one. Detailed expositions of the 

Floquet theory are found in Nayfeh and 

Balachandran (1993) and Seydel (2009). 

 

The Floquet theory was used to evaluate the 

threshold of instability of the periodic solutions 

of the rotor-bearing system for a range of rotor 

unbalance magnitudes and eccentricity ratios. 

The threshold of instability is determined from 

the corresponding value of M when the 

magnitude of the leading Floquet multiplier 

traverses the line of unity. An example, shown 

in Figure 2, which depicts the magnitude of the 

leading Floquet multiplier for ε = 0.3 and U = 

0.2, gives the threshold of instability of M = 6.5 

(Note that the exact value of the threshold of 

instability lies between M = 6.5 and M = 7. 

Since the simulation was undertaken at interval 

of 0.5, the value of M immediately before the 

rotor becomes unstable is considered as the 

threshold of instability). 

 

 
 

Figure 2 Magnitude of leading Floquet 

multiplier for ε = 0.3, U = 0.2 and the critical 

value of M is 6.5. 

 

3. RESULTS AND DISCUSSION 

 

For a given value of the unbalance parameter U, 

the instability threshold of the dimensionless 

journal mass M is determined for increasing 

values of the eccentricity ratio ε. ε, which is the 

ratio of the journal’s static equilibrium position 

to the bearing’s radial clearance, can be related 

to the modified Sommerfeld number σ (Lund 

and Saibel, 1967). The stability parameter σM is 

then plotted against σ to obtain the stability 

curve. The lower limit of ε is set to 0.1, 

determined by the validity of the Reynolds 

boundary condition, (Frene et al., 1997). The 

upper limit of ε, on the other hand, is set to 0.75, 

as practical operation of such bearings at values 

exceeding this is not recommended to avoid 

possibility of rubbing between the journal and 

the stationary bearing sleeve. 

 

The stability of the rotor for several unbalance 

magnitudes ranging from 0.05 to 0.4 was 

investigated in this work. The influence of 

unbalance magnitudes on the stability of the 

rotor is shown in Figure 3 for U = 0.05, 0.1 and 

0.15 corresponding to small unbalance 

magnitude and Figure 4 for U = 0.2, 0.25, 0.3, 

0.35 and 0.4 corresponding to moderate to large 

magnitudes of unbalance. As shown in Figure 3, 

the threshold of instability computed for the 

case of small unbalance magnitude is lower than 

that determined from the linear stability curve 

(corresponding to U = 0.0). The deviation is 

seen to be more significant at lower values of σ, 

which corresponds to journal bearing operation 

at higher values of eccentricity (0.55 ≤ ε ≤ 

0.75). 

    

 
 

Figure 3 Stability curve for small unbalance 

magnitudes. 

 

The stability curves for the case of moderate to 

high value of unbalance magnitudes, 0.2 ≤ U ≤ 

0.4, are shown in Figure 4. These stability 

curves showed a general trend of increasing 

instability threshold with the increase of 

unbalance magnitudes for moderate to large 

values of σ, which corresponds to lightly to 

moderately loaded operating regime of the 

journal bearing (0.1 ≤ ε ≤ 0.5). With the 

exception of U = 0.2 and 0.25, the curves 
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representing other values of U indicated that the 

instability threshold was higher than that 

predicted for the case of the balanced rotor (U = 

0.0) for large values of σ. For moderate values 

of σ, on the other hand, the threshold of 

instability for U = 0.35 and 0.4 was seen to be 

higher as compared to the threshold predicted 

for the balanced rotor. 

   

 
 

Figure 4 Stability curve for moderate to high 

unbalance magnitudes. 

 

For the case of ε = 0.3 and U = 0.2, whose 

leading Floquet multiplier and stability map are 

respectively shown in Figures 2 and 4, the rotor 

response determined from direct numerical 

integration of the governing equations are 

presented using Poincaré map, time series, whirl 

orbit and power spectrum plots in Figure 4 for 

M = 6.5, corresponding to synchronous response 

and M = 7, corresponding to period-2 response.  

For this set of rotor-bearing system parameters, 

the loss of stability is due to period-doubling 

bifurcation as the value of M is increased from 

6.5 to 7.  

 

The results presented in Figures 3 and 4, which 

generally indicate that increasing rotor 

unbalance magnitude stabilizes an otherwise 

unstable rotor in journal bearings, concur with 

the findings of other authors; Barrett et al., 

(1976), Bannister and Makdissy (1980) and 

Lund and Nielsen (1980). A comparison with 

the stability curve of the balanced rotor showed 

that rotor unbalance increases the threshold of 

instability only for moderately to large values of 

σ, which corresponds to lightly to moderately 

loaded journal bearing operating regime. This 

fact is however not true for small values of σ, 

which corresponds to heavily loaded journal 

bearing operating regime, as clearly seen in 

Figures 3 and 4. The threshold of instability in 

this operating regime is much lower than that 

predicted for the balanced rotor. 

 
(a) 

 
(b) 

 
(c) 

 
(d) 

            

             M = 6.5                         M = 7  

 

Figure 5 Rotor response for ε = 0.3, U = 0.2,   

M = 6.5 (stable) and M = 7 (unstable), (a) time 

series, (b) whirl orbit, (c) Poincaré map, (d) 

power spectrum.  

 

4. CONCLUSIONS 

 

The threshold of instability of the unbalanced 

rotor supported by nonlinear journal bearings 

was determined using Floquet analysis, and 

further verified using the numerical integration 

method. For small magnitude of rotor unbalance 

and operation in the lightly to moderately 

loaded regime, the threshold of instability was 

found to be almost similar to that predicted for 

the balanced rotor. For moderate to large values 

of rotor unbalance and operation in the same 

regime, however, the instability threshold values 

were observed to be much higher than that 

predicted for the balanced rotor.  For journal 

bearings operation in the highly loaded regime, 

the instability threshold values of the 

unbalanced rotor were observed to be lower 

than that of the balanced rotor. Although it has 

been recognized that journal bearing instability 

can be suppressed by rotor unbalance force, this 

work has shown that the rotor unbalance 

magnitude required for this purpose is 
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considerably large, exceeding the permissible 

unbalance level for rigid rotor.  
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NOMENCLATURE 

 

c bearing radial clearance, m 

FR oil-film force in radial direction, N 

FT oil-film force in tangential direction, N 

FX oil-film force in X-direction, N 

FY oil-film force in Y-direction, N 

G center gravity of rotor   

g gravitational acceleration, ms
-2 

h dimensionless oil-film thickness  

L bearing length, m 

M dimensionless mass of the journal 

m half mass of rotor, kg 

P pressure, Nm
-2

  

R journal radius, m 

U unbalance parameter 

W bearing load, N 

x non-dimensional displacement of the 

center of the rotor in the X-direction 

y non-dimensional displacement of the 

center of the rotor in the Y-direction 

z position in the axial direction of the 

bearing 

ε eccentricity ratio 

 ̇ radial velocity of journal, rads
-1 

θ angular coordinate measured from the 

position of maximum film thickness, rad 

θ1 angular position of the start of pressure 

region measured from θ, rad 

μ dynamic viscosity of lubricant, Nsm
-2 

σ modified Sommerfeld number 

τ non-dimensional time 

ϕ  angular position of line connecting 

eccentric position of the journal centre to 

the bearing centre, rad 

  whirl velocity, rads
-1 
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ABSTRACT 

 

The current method of harvesting the Oil Palm 

Fruit Bunch (FFB) from the tall oil palm tree of 

10 feet and above is by using long aluminum pole 

and curved knife (C-Sickle) mounted at the upper 

end of the pole. This method although found to be 

lightening for the workers as the old method is by 

using steel pole or bamboo which is very heavy, 

still can be improved in order to increase the 

worker’s productivity per acre by reducing all 

kind of  forces required. These forces are such as 

to carry the pole, to hold the pole before and 

during cutting and to cut the fruit bunch, are quite 

tiring to deal with. A new machine shall be 

invented to incorporate all these trouble shooting 

aspects which using pneumatic system to easily 

lengthen and shorten the pole using telescopic 

pole when the worker wants to locate the 

pneumatic cutter on the fruit bunch stalk. As soon 

as the cutter reached the FFB stalk, it can easily 

cut the stalk by pressing the button at the lower 

end of the pole. The cutter blades movement 

inside the housing is made frictionless by 

arranging closely 20 mini ball bearings along its 

path. The huge forces during cutting are 

transferred to these multiple mini ball bearings 

which in turn transferred to the bearing shafts 

without generating any undesired frictional force 

to the blade edges. As for the telescopic pole, the 

compressed air is supplied into the pole’s hollow 

section to push the pole’s segments in the process 

to lengthen it to reach the fruit bunch. The friction 

between the teflon sleeve and the pole is reduced 

by the air cushion film in between sleeve and 

aluminum pipe thus smoothen the movements of 

the pole segments inside each other. 

 

 

 

 

Keywords: telescopic oil palm fruit cutter, 

pneumatic cutter, oil palm harvester, efficient 

harvesting device 

1. INTRODUCTION 

Malaysia is the 2nd largest Palm Oil producer of 

the world. There are more than 2,000,000 acres of 

Oil Palm plantation in Malaysia. Oil palm tree 

takes about 2 years before its fruit can be 

harvested and in Malaysia when the oil palm trees 

become too old, in average about 20 years, it 

height could reach as high as 20 feet.  In order to 

harvest FFB from these high trees, in current 

practice a light and long harvesting aluminum 

pole is needed. At the end of the pole, a carbon 

steel sickle cutter is mounted for cutting the Full 

Fruit Bunch (FFB) stalk or leaves trunk. Before 

this about 20 years ago,  the pole was much more 

heavier as it was made of either steel pipe or 

bamboo or straight timber trunk or stem. 

 

The harvester workers are normally 

immigrant workers from Indonesia. Quite seldom, 

the workers are Malaysian, or immigrant workers 

such as Bangladeshi or Pakistanis or  Philipinos or 

Naples. These Indonesian oil fruit harvesters are 

normally work in group consist of 2 to 3 person 

per group. One person cut down the FFB while 

other person will collect the loose fruit on the 

ground and fill it up in a netting sack before 

collected by the lorry or trailer passing by at other 

time round by other group. 

2. OBJECTIVES 

 

i. To develop the harvestor mechanism  that 

can be easily used to cut the FFB by having 

a sickle that instead of manually operated is 

mailto:talib@utem.edu.my


Regional Tribology Conference 

Bayview Hotel, Langkawi Island, Malaysia, 22-24 November 2011 

296 

 

Ausing mechanized system but still as 

robust as the manual type. 

 

ii. To help increase  the productivity of Oil 

Palm  plantation by reducing energy 

required for harvesting FFB by reducing 

usage of direct human mascular forces.  

 

iii. To develop the FFB harvester that can be 

used without having the need to train the 

new worker for a long period due to its 

simple operation using electrical and 

electronic control buttons. 

 

iv. To develop the FFB harvester pole that can 

be  shorten and lengthen as and when 

required by means of telescopic system in 

order to ease burden to carry it all day long 

in large the Oil Palm estate. 

 

3. PROBLEM STATEMENTS 

Harvesting job is quite tiring as the worker need to 

carry this long aluminum pole all day long to 

harvest as many acres of palm oil plantation area 

as possible. Every time when the worker want to 

cut down the FFB, they have to find the suitable 

position to put the sickle on the FFB stalk and pull 

down the pole to cut the stalk. This requires quite 

a great amount of muscular force which is in long 

run a bit fatigue.  

The cutting of the stalk manually and 

positioning and cutting of the stalk requires 

certain skill, experience and power which is a 

common attributes of all Indonesian workers. 

Malaysian, Bangladeshi, Naples, Pakistanis and 

Philippinos do not have this attributes to 

permanently enjoy doing the job for long period 

of time. By experience, the longest they (non 

Indonesian workers) can work is only one month 

after which they complaint of “too tiring”, “too 

hard” and worst complaint is “not worth it” which 

end up with resignation or missing in action.  

The length of the pole is too long to carry 

all day long in between all closely planted oil 

palm trees. For uneven height of trees, the 

workers need to carry more than one type of pole, 

i.e. One is shorter than the other. Too long 

harvester pole also tends to have high deflection 

both either during carrying horizontally or during 

vertical standing, thus quite troublesome to easily 

and accurately position the sickle on the FFB 

stalk.  

4. LITERATURE REVIEW 

Throughout the past decades many 

machines were invented for oil palm harvesting by 

Malaysian palm oil board (MPOB) but none of 

them was made commercial due to its 

inefficiency. This was because the harvester 

operator faces difficulty in positioning the 

mechanical cutter to the bunch stalk during cutting 

process. The operator takes a lengthy time (7-15 

min) just to adjust the position of the cutter and 

grabber to perform the harvesting process, 

compared to a worker who manages to harvest a 

tree in just three to five minutes using a chisel. 

Not only was the operation taking a long time, but 

also the operator experiences neck aches and body 

pain after harvesting operation on only one palm 

tree. Therefore, the ergonomic of the operator is 

also an issue here. A lot of time was wasted in 

locating the fresh fruit bunch (FFB) and 

eventually decreasing the overall productivity 

(helena et al, 2010). 

 

Study carried out by Helena, Jayaselan 

and Wan Ishak above is more towards reducing 

the number of worker used to harvest the FFB by 

using 3D hydraulic arm harvester as shown in 

Figure 1. However, in this study the number of 

worker is remain the same except the mechanism 

to harvest is made more comfortable to be 

operated such as lighter, less energy required to 

carry the harvesting pole, to cut the FFB bunch 

stalk, length of pole can be lengthened and 

shortened easily without the need to lift the pole. 

 

                                        

           
 

  

Figure 1.  3D Hydraulic Arm Harvester 

 

 

Another harvesting concept developed by  

Abdul Razak Jelani of Universiti Putra Malaysia 

which was given a Trade Mark “Cantas”. The 
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concept is using the telescopic pole which 

comprises of basic pole and extension pole, 

telescopic shaft and bearing, while the two-stroke 

engine of 1.3 hp is used as the power source. Most 

of the components are made of aluminum alloy 

for its light weight (Jelani A.R. et al ,2008). This 

is illustrated in detail in Figure 2 below. 

 

                           

      
 

 

 

 

Another method is the Aluminum pole 

and knife (APK) method to replace bamboo pole. 

In this method, a 40 mm diameter aluminum tube 

replaces the bamboo pole of the BPK method. It 

works very well and even faster than the BPK 

method for trees of height below 5.5 m. Above 

this height, bending of long harvesting poles that 

carry relatively heavier cutting knives on top 

constitutes a very serious problem as it becomes 

very difficult to engage the stalks of palm fronds 

and bunches. Harvesters’ hand-pole slippage 

while cutting with the pole also constitutes 

another serious problem as the harvester 

inevitably sweats on his palms while on the job. 

For these reasons, the APK method is yet to enjoy 

wide application. Generally, once the harvester 

reaches the tree crown, it is a lot easier to cut 

(fronds and fruit bunches) using the cutlass than it 

is using the Malaysian knife (Adetan et al, 2007).  

 

Indeed, a lot of time and energy (and 

therefore production cost) goes into oil palm 

harvesting. Such an enormous amount of energy is 

required for harvesting oil palm that even cutting 

a single frond alone, using the sickle cutter (the 

Malaysian knife), could require the exertion of a 

force as much as 18,048 N for the most matured 

frond (Jelani et al., 1999). Further, Bevan and 

Gray (1969) reported that in a study on palms 

aged between 9 and 25 years in Malaysia, between 

43.5 and 45.4 % of the total annual man-days is 

spent on harvesting. Harvesting from the older 

trees took more man-days. The situation, most 

likely, has not changed today because harvesting 

is still being done manually (Adekoya 1990). 

 

Many attempts have been made to reduce 

the drudgery of the harvesting of oil palms. Webb 

(1976) worked on an oil palm tree climbing cycle. 

Test results showed that the cycle was not 

efficient for palm trees and it was not comfortable 

for the harvester to use. A lot of energy and time 

was required by the method. Hartley (1977) 

reported that harvester-carrying booms mounted 

on track or high-floatation wheel tractors have 

been tried in Honduras and Costa Rica. The 

booms take the harvesters to the crowns of palms 

up to 12 m in height, and the bunches are cut to 

fall into a trailer drawn behind the tractor. The 

economics of using this method as compared to 

the existing methods is yet to be established 

(Adetan et al, 2007). 

 

To solve the above problem and 

inconveniences, Adetan et al has designd a 3 

segment pole which can be dismantled and 

assembled as required based on the tree height. 

This is as shown in Figure 3 below, 

 

                                      

 
                 

        Figure 3. 3 segments Aluminum 

pole with sickle knife  

Based on the results obtained by 

Adetan’s team, the harvesting of tall oil palm tree 

can be made easier and lighter by using 

Aluminum Alloy material and adjustable 3 

segment of pole. However, still the energy to cut 

is the same. This study on developing Mechanized 

system is therefore is to reduce the energy for 

cutting by using pneumatic telescopic aluminum 

pole and multiple pneumatic mini disc cutter.  

 

 

5. METHODOLOGY 

Figure 2.  Motorized Cutter, Cantas
TM

 



Regional Tribology Conference 

Bayview Hotel, Langkawi Island, Malaysia, 22-24 November 2011 

298 

 

Conceptual designs were prepared in the process 

to build prototype of Pneumatic Telescopic 

Harvester Pole with multiple pneumatic circular 

disc cutter by conducting  a series of brain 

storming session among the research team using 

concept screening and concept scoring tables 

methods. Concept Screening would short list all 

the conceptual designs into smaller number for 

selection in the Concept Scoring using more 

general grading, while the gradings in the concept 

scoring which take more longer time   or 

brainstorming are more detail and meticulous in 

order to distinghuish the best among the best 

concepts. 

 

After brainstorming session completed, 2 

new conceptual design are obtained as Figure 4 

and Figure 5 as shown below. 

 
 

Figure 4.  Concept Generation – Hyraulic Cutter 

Sickle (HC) 

The concept in Figure 4  uses hydraulic 

power source from a mini power pack. A 

hydraulic activated Sickle Cutter is mounted to the 

upper end of the  3 segment pole. The sickle blade 

is divided into two portion with the  cutter blade 

located at the extreme end of the sickle. When the 

worker want to cut the FFB by pressing the button 

which activate the selanoid control valve, the 

hydraulic cylinder will move forward and pull the 

stainless steel string so that the cutter blade will 

bend down and cut the FFB stalk. 

While the concept in Figure 5 uses 

pneumatic power source from a mini compressor. 

There are 5 mini pneumatic circula r cutter 

mounted along the sickle internal curvature. This 

pneumatic mini circular cutter is specially design 

in such a way that it can be easily inserted 

inbetween the oil palm leave trunk. When the 

worker want to cut the FFB by pressing the button 

which activate the selonoid control valve, the  

compressed air will turn the mini circular cutter at 

a high speed high torque motion. This motion will 

rapidly cut the FFB stalk and any blocking 

material. 

For those critical parts that need  

important design such as strength and smoothness 

of the operation,  theoratical  force  analysis shall 

be carried out  to identify the best configuration 

required. (To be carried out in Part II). Once the 

best design with the use of computer simulations 

results were fine tuned, details design of the 

prototype  to be built incorporating all critical data 

(To be carried out in Part II) shall be executed. 

 

Fabrication of  the best design as per 

detailed out on engineering drawings (To be 

carried out in Part III) shall be carried out 

followed by testing the prototype in the real field 

and improve it again and again until the most 

practical FFB harvesting is acheived and its 

practicality can be accepted by the plantation 

people ( To be carried out in Part III). 

 
5.1  Conceptual Design brainstorming, 

Screening, Scoring and Selection 

 

Various practical conceptual design had been 

newly generated  as shown in Figure 1, 2, 3, 4 and 

5 were brainstormed to select the best design. The 

method of brainstorming was by using tabulated 

screening and scoring method to compare 

quantitatively and qualitatively among the 

conceptual design. The final conceptual design is 

a fine tuned main concept with some mix of minor 

element of other not selected concept.    

 

6. RESULTS AND DISCUSSION 

 

The Concept Screening Table 1 and Concept 

Scoring Table 2 represent the whole evaluation 

process that has been carried out.    

 

6.1 Concept Screening 

 

      Figure 5.  Concept Generation – Mini Multiple 

            Pneumatic Circular Cutter Sickle (M2PC2) 
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The concept screening process has lead to the 

short listing of the concepts as in Table 6.1 

 

Table 1. Concept screening 

 
 

 

 

 

 

 

 

SELECT

ION 

CRITER

IA 

 

CONCEPT VARIANTS 

 

 

3Segm

ented 

Alumin

um 

Pole 

with 

Sickle 

(APS) 

 

 

 

Telesc

opic 

Canta

s TM 

Sickle 

(TCS) 

 

3D 

Ar

m 

with 

sciss

or 

(3D

AS) 

 

3 

Segme

nted 

Alumi

num 

Pole 

Hydra

ulic  

Cutter 

Sickle  

(HCS) 

 

Pneu

matic 

Telesc

opic 

Pole 

with 

Mini 

Multi

ple 

Pneu

matic 

Cicula

r 

Cutter 

Sickle 

(M2P

C2) 

 

Light 

Weight 

+ + - + + 

Ease of 

Handling 

0 0 - 0 0 

Ease of 

Use 

- 0 + 0 + 

Speed of 

cutting 

0 + + + + 

Ease of 

Manufac

turing 

0 0 - 0 0 

Flexural 

Strength 

0 0 + 0 + 

Costs + 0 - 0 0 

Cutting 

position 

flexibility 

0 0 + 0 + 

PLUSES 2 2 4 2 5 

SAMES 5 6 1 6 3 

MINUSE

S 

1 0 4 0 0 

NET 0 2 0 2 5 

RANK 3rd 2nd 4th 2nd 1st 

CONTIN

UE? 

No Yes No Yes Yes 

 

The above “-“ (MINUS), “0” (SAME) and “+” 

(PLUS)  rating were further enhanced by the 

following grading details with the respective 

points or marks.  

MINUS ( - ) :   -1, -2, -3, -4 and -5    

(Weaknesses)  

SAME ( 0 ) :   0  ( Average or  common 

features among competitors)  

PLUS ( + ) :  +1, +2, +3, +4 and +5 ( Extra or 

advantageous) 

  

6.2    Concept Scoring 

  

By replacing the above grading details into Table 

1 for the concepts which has passed through the 

screening process, the results can be transformed 

into concept scoring as shown in Table 2. 

 

Since all concepts use alloy Aluminum 

pole, “+” (PLUS) rating are given to the concept 

APS, TCS, HCS and M2CP2. While concept 

3DAS is given “-“(MINUS) rating as it is 

considered as heavy equipment which requires 

extra power to operate using heavy hydraulic 

machine. Therefore only TCS, HCS and M2PC2 

passed through the screening process. In the 

criteria of Ease of Handling, APS is given the 

SAME rating as its only advantage is that its 

length can be varied in 3 stages of segment. The 

rest are about the same as they use fixed length 

aluminum pole coupled with the same Malaysian 

invented manual Sickle knife. While telescopic 

Cantas
TM

 or TCS, HCS and M2PC2 are given 

SAME rating as their motorized telescopic and 

hydraulic telescopic and pneumatic telescopic are 

having about the same feature.  

 

 

In the criteria of  Ease of  Use, APS is given 

MINUS as it provides only slight improvement 

onto the old bamboo pole with Aluminum alloy 3 

segment pole. While  the other three concepts 

TCS, 3DAS and HCS  are given SAME rating as 

they posses about similar advantage which is easy 

to handle in their own respective  ways. However 

concept M2PC2 has more advantage as its uses 

pneumatic system which uses air hence lighter and 

renewable as the air is a free resource. The 

compressed air provides a tribological cushioning 

to the sliding surfaces of the telescopic pole 

segments. The circular cutter which using multiple 

mini roller bearings provides smooth and flexible 

cutting process. Speed of cutting is the best in 

M2PC2 as it is design in such a way that its shape 

is just like C-Sickle but with multiple mini 

pneumatic circular cutter. Its pneumatic telescopic 

is easy to be operated as it uses control buttons 

which can shorten or lengthen its pole length 

within a few seconds only. The mini  cutter 

circular blades can be operated by pressing the 

button that activate the pneumatic valve. 

 

Table 2.  Concept Scoring 
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For the cost criteria which encompass 

manufacturing cost, operational cost and 

maintenance costs, only 3 concepts have a more 

acceptable marks which are TCP, HCS and 

M2PC2. As the detail cost is not available, it is 

safe to assume the costs among the three concepts 

are about the same. Finally the criteria for the 

cutting position flexibility. This is one of the most 

important criteria as the FFB fruit bunches are 

normally located behind the oil palm leave trunk 

therefore it needs a flexible cutter to cut the FFB 

in whatever location. In M2PC2 concept, the 

multiple pneumatic mini circular cutter with mini 

roller bearings can be placed wherever position 

during cutting the FFB     

 

7.0   CONCLUSION 

 

From Table 2, it is evident that the concept 

M2PC2 is more  advantageous as compared to the 

other concepts. Concept Screening and Concept 

Scoring Method has helped in zooming in into 

criteria specifications that can solve the problem 

statements. Therefore the detailing of the design 

from now on can be focussed into only M2PC2  

concept design, after carrying out theoratical 

analysis in the next phase of research.   
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